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INTRODUCTION
Ball bearings are used on satellites for many purposes, including positioning control and scanning equipment operation. Although their use in the vacuum of space has a long history, lubrication has remained a troublesome area especially when longer satellite lifetimes are demanded. Both solid lubricants and liquid lubricants have their pros and cons but neither one appears to minimize sufficiently the friction and wear needed for extended satellite lifetime. Magnetic bearings offer a desirable alternative to the use of ball bearings in a space vacuum. They can operate with near zero friction and wear without the use of lubricant. They can be used over a wide temperature range and exhibit very low vibration.
Magnetic bearings can be grouped as either active or passive. Actively controlled magnetic bearings operate in the attractive mode. They have the ability to support large loads, they have adjustable bearing characteristics such as stiffness and damping, and dynamic control. However, they are expensive and require complicated control hardware, such as digital signal processors, amplifiers, digital-to-analog converters, analog-to-digital converters, and software. Passive magnetic bearings on the other hand do not require this hardware (Siebert, et al. (2002) ). They can be made smaller, more efficient and reliable. The disadvantages of passive magnetic bearing are that they typically have lower stiffness and lower damping than similar size active magnetic bearings, and vibration control cannot be used.
For successful operation, a passive magnetic bearing must have sufficient stiffness and damping to perform over its entire operating range. A few studies have been published on the stiffness and damping of passive magnetic bearing systems. Ohji et al. (1999) investigated the radial disturbance attenuation characteristics of horizontal and vertical shaft machines supported radially by permanent magnetic bearings. Fremerey (2000) used permanent magnetic bearings with eddy-current damping to levitate a 500 Whr energy storage flywheel for an uninterruptible power supply. Satoh et al. (1996) used a mechanical damper attached to the stator magnets in a system with four axes that are passively levitated. Jansen and DiRusso (1996) measured the stiffness and damping of a ferrofluid stabilizer, and the stiffness of permanent magnetic bearings.
Jewel bearings are widely used in electrical measuring instruments such as galvanometers, ammeters, and energy measuring meters. A jewel bearing consists of a ball that spins on an axis perpendicular to the contact area. Jewel bearings have been treated analytically and experimentally. Sankar and Tzenov modeled the motion accuracy of a jewel bearing (1994a) and determined its steady-state dynamics using a free ball and its motion due to friction (1994b). Spinning ball contact of jewel bearings was experimentally studied at the Glenn Research Center in the late 60's and early 70's. A series of papers were written on the spinning ball contact. Townsend, Dietrich, and Zaretsky (1969) included speed effects on ball spinning torque. Allen and Zaretsky (1970) proposed a microasperity model for the elastohydrodynamic lubrication of a spinning ball on a flat surface. Dietrich, Parker, and Zaretsky (1968) studied the effect of ball-race conformity on spinning friction. Townsend and Zaretsky (1970) studied the effects on ball spinning torque of antiwear and extremepressure additives in a synthetic paraffinic lubricant.
The purpose of this work was to design, construct and operate a totally passive, permanent magnetic bearing rig to demonstrate its potential for spacecraft applications. The design incorporated permanent magnetic bearings, operating in the repulsive mode for radial bearing support, and jewel bearings for axial support.
EXPERIMENTAL

DESIGN AND CONSTRUCTION
A photo image and a schematic view of the permanent magnetic bearing rig are shown in Figures 1 and 2 . The support base is made of a single piece of aluminum alloy. The rest of the rig consists of two permanent magnetic bearings, a wheel, jewel bearings on both ends of the rotor, and an air impeller. The two sets of permanent magnetic bearings operating in the repulsion mode provide levitation in the radial direction. The axial movement of the rotor is constrained by two jewel bearings that were placed on both ends of the rotor to allow for force reversal.
The rotor shaft was made of nonmagnetic stainless steel. The wheel, permanent magnetic bearings and an air impeller were slip fit over the rotor shaft and restrained axially by retaining rings. Each end of the rotor has a ball retainer to hold the 3.175 mm (0.125 inch) diameter ball used in the jewel bearing. The ball retainer is held to the rotor by threads on the rotor bore. The arrangement of components on the rotor is shown in Figure 3 . Figure 4 depicts the permanent magnet bearing assembly. The magnets were axially magnetized, meaning the poles are on the flat sides the magnets. A separate magnet stack was attached to the rotor and to the stator. Four magnet rings comprise each magnet stack. The poles of the magnets were oriented so that the stationary magnets and the rotating magnets repel each other when the non-rotating and the rotating sleeves are axially aligned.
Neodymium-iron-boron (NdFeB) magnets were used, having a nominal BH product of 35 MGOe (Gauss-Oersted ×10 6 ). The dimensions of the rotating and stationary magnets are as follows. The OD (outside diameter) of the rotating magnet is 45.7 mm (1.800 in) and the ID (inside diameter) is 31.8 mm (1.250 in) . The stationary magnet OD is 61.0 mm (2.400 in) and the ID is 48.3 mm (1.900 in). The thickness of magnet rings used in both stacks is 5.08 mm (0.200 inch). Therefore, the total axial thickness of the magnets in each stack is nominally 20.3 mm (0.800 inch).
Both the non-rotating and the rotating sleeves were made of nonmagnetic stainless steel. The stacks of magnets and the nonconductive spacers were connected together with epoxy in their mounting sleeve. The magnets were stacked with like poles adjacent to each other (NS-SN-NS-SN) and permanently locked in place with epoxy. During the assembly process each magnet was coated with epoxy and put in the sleeve along with the nonconductive spacers and the sleeve end ring. An arbor press was used to provide the force to hold the magnets in the sleeve while press pins could be installed in the sleeve end ring. Once the sleeves were assembled, a thin coat of epoxy was also applied to the free surface of the magnets to prevent the magnets from oxidizing.
The OD of the nonrotating magnet sleeve was threaded. These threads fit the threading along the rotor axis of the support base, allowing the stator magnets to be moved axially. The stator magnet sleeve was rotated by inserting a Ø4.75mm rod into a hole on the end of this sleeve. The rod was turned until the stationary sleeve was positioned over the rotating sleeve. The stator magnets were adjusted to minimize the axial force before operation.
The rotating and stationary magnets had a nominal 1.27 mm (0.05 inch) radial gap. The nonconductive spacers on the rotor and the stator were axially aligned and have a 0.76 mm (0.03 inch) nominal gap. This smaller clearance was to prevent the rotor and stator magnets from contacting during installation and operation.
A schematic of the jewel bearing assembly is shown in Figure 5 . The jewel bearing on each end of the rotor consisted of a removable 3.175 mm (0.125 inch) diameter Si 3 N 4 ball held in the ball retainer in the center of the rotor shaft. About 0.50 mm (0.02 inch) of the ball extends beyond the surface of the ball retainer. The ball spins against the stationary 440C stainless steel disk of the jewel bearing. The surface of the disk was perpendicular to the axis of the rotor. A piezoelectric load cell measured the load of the jewel bearing contact.
An air impeller drives the shaft. The air impeller is a disk with blind holes drilled on both sides. One air stream is directed to either side of the disk to minimize the radial force on the rotor. The blind holes catch the air, and rotate the rotor.
SPIN TESTING
The rotor was spun using an air impeller. A 120-psig-air line was connected to a pressure regulator leading to the air impeller. Adjusting the flow rate of the compressed air against the impeller could control the rotational speed of the bearing. A stroboscope was used to monitor the rotational speed.
Testing was conducted by slowly increasing the speed. The speed was gradually increased to 5500 rpm and the bearing ran very smoothly over the entire speed range. It was stopped at this point only because of the loud noise generated by the compressed air.
The rotor passed through a critical speed at 3336 rpm, but no resonant vibrations were observed. This critical speed was found by impact testing of the rotor and is discussed later in the paper. The tests were repeated a second time and again no vibrations were observed.
RESULTS AND DISCUSSION
RADIAL AND AXIAL STIFFNESSES OF BEARINGS
The procedure for experimentally measuring the radial magnetic bearing stiffness was to direct the axial force to one jewel bearing by adjusting the magnetic bearing stators. The disk part of the jewel bearing at the other end of the rotor was removed so that the rotor was free to rotate about the contacting jewel bearing. Two dial indicators were contacted against the shaft to measure the radial deflection. One dial indicator was positioned 40 mm from the free end of the rotor. The other dial indicator was positioned 25mm from the contacting jewel bearing. The rotor was deflected by adding weights to the shaft near the free end. The deflections of both dial indicators were recorded as a function of applied load. The moments about the existing jewel bearing were computed for each load applied and these were used to calculate the stiffness of the passive magnetic bearings. Analysis of the two dial indicator readings showed that the ball of the jewel bearing was not laterally displaced when the weights were loaded on the rotor. The force versus deflection characteristics of one passive magnetic bearing was calculated from the load versus deflection curve.
To predict the stiffness of the permanent magnetic bearing by the finite element method, a finite element model was made for the permanent magnet rings. The model had 77760 linear brick elements as shown in Figure 6 . A magnetostatic solver was used to compute the distribution of the magnetic field. The Maxwell stress tensor was integrated over the surface of the four inner ring magnets to calculate the force on them. Figure 7 shows the displacement as a function of radial load for the finite element and experimental data. In order to compare the experimental and the finite element results, linear regression curve fits were performed. The slope of the experimental curve is 1.78×10 5 N/m (1.02×10 3 lb f /in). The slope of the finite element curve is 1.87×10 5 N/m (1.07×10 3 lb f /in). The radial stiffness found by the experimental method is about 5.2 percent less than the finite element prediction which was considered very good agreement.
The radial stiffness per unit length of the magnet stack of each bearing was calculated by dividing the experimental radial stiffness, 1.78×10 5 N/m (1.02×10 3 lb f /in) by the length of each magnet stack, 20.3mm (0.800 in). This value is 8.76×10
6 (N/m)/m (1.27×10 3 (lb f /in)/in). To measure the axial stiffness, one non-rotating magnetic bearing sleeve was rotated by means of the threading in the support base. This caused the magnet stacks to become axially displaced relative to each other. This axial displacement was measured with a dial indicator. The axial load due to this displacement was measured with the load cell positioned behind the disk of the jewel bearing. This procedure was repeated for a number of different displacements and the data plotted in Figure 8 . The figure shows that the axial load is a linear function of displacement for this permanent magnetic bearing. A linear regression fit of the curve gave a value of 3.52×10 5 N/m (2.01×10 3 lb f /in) for the axial stiffness of one bearing. Application of Earnshaw's theorem implies that the axial stiffness should be exactly twice the radial stiffness. Comparing the experimental axial stiffness of Figure 8 (1.02×10 3 lb f /in)] showed that the 2 to 1 ratio predicted by Earnshaw's theorem is within 1.1 percent which is considered excellent agreement.
DAMPING
The procedure for measuring the free vibration history of the rotor was as follows. An axial force on one of the jewel bearings was produced by misalignment of the stationary magnets and then rotating magnets of the magnetic bearing. The disk of the jewel bearing at the unloaded end of the rotor was removed so that the rotor was free to move about this end.. An accelerometer was attached to the rotor 25 mm from the free end. To excite the rotor, the wheel was struck radially with an impact hammer. Figure 9 gives the radial free vibration history of the rotor as a function of time. The rotor was "pinned" against only one jewel bearing since during operation only one jewel bearing is in contact. These conditions resulted in only one mode, not a bounce and a tilt mode as would occur with "free-free" boundary conditions.
A radial damping coefficient was calculated from the logarithmic decrement and from the half-power bandwidth methods. The natural logarithm of consecutive amplitude ratios is called the logarithmic decrement, δ, equaling ln(x 1 /x 2 ), where x 1 and x 2 are consecutive peak amplitudes. The log decrement is a measure of the damping factor ξ and it gives a convenient method to measure the damping in a system. The damping coefficient is related to the log decrement, by δ=2πξ/(1-ξ 2 ) 0.5 . Taking the log decrement of the first five peaks in the time domain gives ξ=0.0649, or about 6.5 percent damping. The radial frequency response of the rotor is shown in Figure 10 . The first fundamental occurred at 55.6 Hz (3336 rpm). From the frequency response data, the damping coefficient of the first fundamental was calculated by the half-power bandwidth method. The damping coefficient of the first fundamental was found to be 0.069, close to the damping coefficient as found by the logarithmic decrement method. Since no vibrations were observed on running the bearing through the critical speed, 6.5 percent damping is adequate to control the rotor.
PRESENT AND FUTURE WORK
This work was led by Robert Fusaro who was able to obtain funding from the Glenn Research Center Director's Discretionary Fund. This work will serve as the basis to hopefully convince the Discretionary Fund Committee to continue further funding in the area of magnetic bearings. If funded, the magnetic bearing rig will be tested at higher rotational speeds, up to 50,000 rpm, to assess vibration problems which are of great concern if magnetic bearings are to be used in spacecraft. Another area of concern is the successful use of mechanical back-up bearings that are simple in design, small in size, and capable of absorbing the high rotational energy of the magnetic bearing without serious damage.
SUMMARY OF RESULTS
A totally passive, permanent magnetic bearing rig was designed, constructed, and tested. Support of the rotor was accomplished in the radial direction by two sets of permanent magnetic bearings and in the axial direction by two sets of jewel bearings. The following results were obtained.
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